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Abstract

The internal heat transfer coefficient in a pulsating circular pipe flow was determined for both dry and condensing
surfaces. The fully-reversing flow was driven by a pulse combustion process at a frequency of 34 Hz. The mean
Reynolds numbers ranged from approximately 2600 to 4300, while the instantaneous Reynolds number had a maxi-
mum of 18,000. The internal heat transfer is noted to increase by up to a factor of 1.8 due to the pulsating flow prior to
the onset of condensation, and by up to 12 times after the onset of condensation. At all Reynolds numbers and flow
regimes tested, the flow pulsations were observed to enhance heat transfer when compared to steady flow re-

sults. © 2001 Elsevier Science Ltd. All rights reserved.

1. Introduction

The main motivation for the study now reported was
the need for determining the heat transfer for circular
tubes in the heat exchanger of a pulse combustion
heating system. It has been theoretically suggested, and
experimentally shown, that under certain conditions,
heat transfer may be enhanced by flow pulsations [1].
Under other conditions, however, some researchers have
observed that flow pulsations have either no effect or a
detrimental effect, on heat transfer. Dec et al. [2] pro-
vides a review of studies dealing with heat transfer in
pulsating flow. An additional review of pertinent liter-
ature follows.

Barnett and Vachon [3], in their experiments with
pulsating turbulent pipe flow, found that high frequency
pulsations degraded heat transfer, and low frequency
pulsations enhanced heat transfer. They reasoned that
the observed enhancement was due primarily to the
promotion of turbulence. Celik and Wang [4] came to a
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similar conclusion: low frequency flow pulsations pro-
mote the formation of local turbulence which breaks up
the boundary layers, thereby enhancing heat transfer.
Al-Haddad and Al-Binally [5], while correlating their
data from experiments with pulsating flow of air in a
pipe, defined a dimensionless number as the product of
the Reynolds number and a dimensionless frequency. A
critical value for this parameter was experimentally de-
termined, and it was observed that operating the ap-
paratus above this critical value resulted in heat transfer
enhancement, while operating below this value showed
no change from their steady-flow predictions of heat
transfer.

Hargrave et al. [6] performed experiments on a pulse
combustion water heater with pulsation frequencies in
the range of 30-40 Hz. Their results indicate a factor of
two improvement in heat transfer for velocity ampli-
tudes of four times the mean value. A similar appara-
tus was used by Al-Haddad and Coulman [7] at a
frequency range of 45-60 Hz to investigate the effect of
mass flow on heat transfer enhancement. Their results
indicated a degradation in heat transfer for all flow
rates and frequencies. They concluded, however, that
“no statement could be generalized and more study is
required”’.

Additional researchers who observed enhanced heat
transfer in pulsating systems include Hanby [8],
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Nomenclature

b1, ban, b3, Gray gas model coefficients

Ci, G Zhukauskas coefficients

Cp specific heat at constant pressure

D pipe diameter

g acceleration of gravity

h heat transfer coefficient

Jte specific latent heat of vaporization

Jre effective specific latent heat of vaporiza-
tion

k thermal conductivity

L pipe length

Nu Nusselt number

Pr Prandtl number (= c,u/k)

P partial pressure

q’ heat flux

r pipe radius

Rep mean Reynolds number based on pipe
diameter

T temperature

U axial velocity

z axial coordinate

Greek symbols

o absorptivity

€ emissivity
o density
y dimensionless length (=z/L)
I dynamic viscosity
v kinematic viscosity (= p/p)
a Stefan—Boltzmann constant
T pulsation period
w pulsation frequency
Subscripts
a amplitude
CO, carbon dioxide
D diameter
e external
f film
g gaseous phase
H,O water vapor
i internal
liquid
mean
rad radiative
] surface
sat saturation
v vapor phase
00 ambient/reference

Gemmen et al. [9,10], and Dec and Keller [11]. Arpaci et
al. [12] correlated the experimental data of Dec and
Keller [11] to develop an expression for the Nusselt
number in pulsating, reversing flow. This correlation
incorporates the effect of pulsation amplitude, pulsation
frequency, and Reynolds number based on mean ve-
locity. Their correlation gives remarkable agreement
with the data of Dec and Keller [11] at all frequencies
and mass flow rates considered. Included in the devel-
opment is discussion of a quasi-steady frequency limit.
The authors suggest that at frequencies below this value
(46 Hz), a quasi-steady theory could be used to ade-
quately predict heat transfer. Beyond this limit, quasi-
steady predictions of heat transfer were shown to un-
derestimate the data of Dec and Keller [11].

The correlation of Arpaci et al. [12] was applied by
Temple [13] to the modeling of heat transfer from a
quarter-wave pipe subject to internal pulsating flow.
Included in this work is a semi-empirical treatment of
the effects of bends on internal heat transfer. Model
predictions were compared with experimental data taken
above and below the quasi-steady limit showing excel-
lent agreement in overall heat transfer. Predicted inter-
nal and surface temperatures showed good agreement
with experimental data as well. The comprehensive pulse
combustion model of Temple [13] also used the corre-
lation of Arpaci et al. [12] to determine heat transfer

coefficients for flow within the tailpipe and combustion
chamber of a pulse combustion furnace.

Although some experimental evidence suggests oth-
erwise, it appears that heat and mass transfer is en-
hanced by flow reversals [2]. Pulsating flow with flow
reversals of sufficient magnitude will result in heat
transfer greater than that for steady flow. The parame-
ters governing this enhancement and the mechanisms by
which it occurs are still unresolved.

The literature is rich with studies of heat transfer in
steady (non-pulsating), two-phase flows. | Amongst
them are the heat transfer correlations of Akers and
Rosson [15], Chato [16], Bae et al. [17], Traviss et al. [18],
and Jaster and Kosky [19]. Although a wide body of
literature exists in the area of condensation inside tubes,
studies related to condensing pulsating flows were not
found. It is the aim of the present work to begin to fill
that gap.

2. Experimental apparatus
The experimental apparatus is sketched in Fig. 1. A

pulse combustion furnace, based on a Helmholtz res-

' A more complete literature review is available in [14].
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Fig. 1. Condensation heat transfer experimental apparatus. A
natural gas fired pulse combustion furnace drives the fully re-
versing flow in the tailpipe. The mean flow of combustion
products in the tailpipe is from left-to-right. The wind tunnel
provides a uniform cooling stream over the tailpipe.

onator, and designed for residential forced-air heating,
was used to establish a pulsating, fully reversing velocity
field within a parallel network of serpentine tailpipes fed
from a common manifold. As shown in Fig. 2, one such
tailpipe was replaced with a straight tailpipe of equal
length. Each tailpipe of the furnace expels an equal
fraction of the combustion products which consist
mostly of nitrogen, carbon dioxide, and water vapor. If
the gas in the pipes is sufficiently cooled, the water vapor
will condense.

The single, straight tailpipe was constructed from
stainless steel tubing of 19.05 mm outside diameter and
0.89 mm wall thickness. Section 1 of the tube was out-
fitted with external annular fins while Sections 2 and 3
had no external heat transfer enhancements. This un-
finned tubing (Sections 2 and 3) became the test section
and was placed in cross-flow in the open-air wind tunnel
shown in Fig. 3. The five blowers were set to deliver
6.6 0.3 m s~! flow across the centerline of the test
section. We will adopt a coordinate system with the left
edge of the wind tunnel as the z = 0 datum. An exhaust
system was required to prevent build-up of gaseous
combustion products in the laboratory. The open end of
the test section was fed into a large plenum. An exhaust
fan removed the gases from the plenum and expeled
them through a duct to the outside. Further information
regarding the experimental apparatus is available from
[14].

Section [—> |«———— Section [ ————>|«——  Section [l ——>|
(1.04 m finned)
\ |

1.09 m

1.49m I 1.47m ‘

50.8 mm

}—» z Datum

Fig. 2. Horizontal tailpipe (test section).

Furnace

Tail pipe centerline

Fig. 3. Schematic of vertical wind tunnel. Five independent
blowers are used to generate the external flow field. A series of
baffles and screens conditions the stream before it is passed over
the heated horizontal pipe.

The mass flow rate of the natural gas (fuel) was de-
termined from volumetric flow rate measurements, using
a positive displacement gas meter. The mass flow rate of
combustion air (oxidizer) was computed based upon the
measured flow rate of fuel and an air-to-fuel ratio de-
termined through oxygen concentration measurements
in the exhaust. Condensate flow rates were determined
by collecting the condensate at the end of the tube over a
sufficiently long time interval and measuring the total
mass collected.

All temperature measurements were made using K-
type (chromel-alumel) thermocouples. The horizontal
tailpipe was outfitted with a surface welded thermo-
couple and a probe-type thermocouple as shown in Fig.
4 at each of 15 axial locations along the pipe. Internal
gas temperatures were measured using specially con-
structed probes. These probes used 0.3 mm diameter
thermocouple junctions composed of 0.076 mm diame-
ter chromel-alumel wire. The thermocouple leads were
housed in a ceramic sheath and mounted at each
measurement location as shown in Fig. 4. These probe
thermocouples were designed to present minimal
blockage to the internal flow and were mounted such
that their ceramic sheath was flush with the inner wall of
the pipe. The thermocouple bead was located 5+ 1 mm
from the inner surface of the pipe leaving only the
thermocouple junction and the thin lead wires exposed
to the flow. Additional shielded thermocouple probes
for which the ceramic shield extended past the sensor
head, were constructed for use within regions of the test
section where condensate was present to prevent

Female 3 mm
T/C Jack I
Threaded

Brass Fiuing\) Ceraminc N a

0.2 - 0.4 mm T/C Bead Shield

N dia. 17.27 mm

Surface T/C

Fig. 4. Schematic of sensors used to measure surface and in-
ternal gas temperatures.
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moisture from impacting the sensors and generating
erroneous readings.

Specialized sensors were developed to detect liquid
condensate film within the two-phase regions of the
horizontal tailpipe. These sensors were based on the
work of Lyu and Mudawar [20], and are similar in
principle to a hot-wire anemometer operating in a con-
stant current configuration (see Fig. 5). Its operation can
be understood by considering a situation where a
portion of the wire (Pt-10% Rh) is covered with a
condensate film and the remainder is exposed to a gas
flow. Assuming the gas and liquid are at the same tem-
perature, the portion of the wire exposed to the liquid
film will experience a larger convective heat flux due to
the increased thermal conductivity of water. The change
in heat transfer, and resultant change in wire tempera-
ture will alter the resistance of the sensor. This resistance
change was monitored by measuring the voltage across
the sensing element. Measurements in this study were
obtained with a mean value of 200 mA of current
through the sensor wire, supplied by a constant current
DC power supply.

Experimental uncertainties for each measured phys-
ical parameter are summarized in Table 1. Also included
are the uncertainties in computed quantities such as
total mass flow rate, composite heat transfer coefficient,
Nusselt number, and Reynolds number. These uncer-
tainties account for the accuracy of the measuring in-
struments, errors associated with the data acquisition,
uncertainties in sensor location, and measurement re-
peatability and represent the maximum anticipated un-
certainty.

Transient pressures were measured using quartz
charge-coupled dynamic pressure transducers mounted
in water-cooled housings. Pressure measurements ob-

Bare
Conductor
Pt-10%Rh
G)\' 0.0762 mm dia.

Insulated

Conductor @
Pipe 20 mm
Walls

; T
A
I: 15 mm tl

Fig. 5. Condensate film sensor.

Table 1
Experimental uncertainties

Parameter Uncertainty

Measured quantities

Exhaust oxygen concentration 5% of reading

Gas mass flow rate +1%

External air velocity +0.2m s7!

Temperature Greater of 0.75% or
+2.2°C

Condensate mass flow rate +3%

Dynamic pressure Greater of 2.0% or
0.03 kPa

Computed quantities

Total mass flow rate +4%

Dew point +2°C

Composite heat transfer coeffi- +12%

cient

Nusselt number +12%

Reynolds number +4%

tained in the combustion chamber were used to deter-
mine the fundamental pulsation frequency of the pulse
combustion unit and provided a convenient time refer-
ence.

3. Experimental results

Measurements were taken at eight different input
rates as summarized in Table 2. The data which follows
are presented in terms of a dimensionless axial
(streamwise) coordinate, (y =z/L).

Mean gas temperatures at 15 locations along the test
section are shown in Fig. 6 at each of the eight input
(mass flow) rates. Radial traverses at a number of axial
locations revealed relatively flat mean temperature pro-
files so a single internal gas temperature was used to
characterize the cross-section at each axial location of
interest. Mean surface temperatures for the same ex-
perimental runs are shown in Fig. 7. Circumferential
temperature measurements taken at a number of axial
locations indicated a flat profile and justified the use of a
single surface temperature measurement to characterize
the cross-section.

Referring to Fig. 7, we may identify three different
heat transfer regimes in the test section. The first,
0 <y < 0.5, shows an exponential decrease in surface
temperature characteristic of single-phase, forced con-
vection heat transfer. The second region, 0.5 < y < 0.8,
is characterized by constant surface temperature signi-
fying a phase change process — in this case, condensation
heat transfer. The third region, y > 0.8, is characterized
by a decreasing surface temperature. The authors the-
orize that this decrease is due to the transition to a dif-
ferent two-phase flow regime where the breakup and
entrainment of the liquid condensate film results in en-
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Table 2

Operating characteristics of pulse combustion furnace for various input rates

Parameter Operating characteristics

Input rate (kW) 24.4 23.5 22.7 21.5 20.7 20.0 18.9 16.9
Gas orifice diameter (mm) 3.99 3.91 3.86 3.73 3.66 3.57 3.45 3.26
Gas flow rate (g s7!) 0.410 0.395 0.383 0.361 0.349 0.336 0.319 0.284
Air flow rate (g s7!) 8.49 8.22 8.14 8.10 7.95 7.70 7.53 7.49
Air-to-fuel ratio (dimensionless) 20.7 20.8 21.1 22.0 22.8 22.9 23.6 26.4
Condensate flow rate® (g s7!) 0.041 0.034 0.029 0.033 0.033 0.027 0.031 0.022
Total condensate flow rate® (g s7') 0.51 0.44 0.47 0.41 0.41 0.40 0.38 0.32
Exhaust CO, (%) 9.64 9.58 9.41 9.03 8.68 8.63 8.35 7.42
Pulse frequency (Hz) 34.1

#Condensate mass flow in single horizontal tailpipe under consideration.

® Combined condensate mass flow from furnace and tailpipe.
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Fig. 6. Mean gas temperature as a function of dimensionless
axial coordinate at eight different mass flow rates.

hanced heat transfer (further discussed in the sections
which follow).

Fig. 8 shows three sample traces from the liquid film
sensor. A 34 Hz periodicity is difficult to discern due to
the noise level. Fourier decompositions (ffts) of the
voltage traces did, however, reveal a clear 34 Hz com-
ponent. The trace taken at y = 0.99, where the flow was
undoubtedly two-phase, indicates an additional feature.
The increased levels of high frequency ‘“noise” suggest
the influence of condensate film and droplets as they
impact the sensor wire. The time base for the sensor
traces is determined from a simultaneous record of the
combustion chamber pressure, and t = 0 corresponds to
a pressure maximum.

Two-phase flow regime maps 2 based on steady flow
would predict an annular flow regime for the conditions
of this study. A separate visualization experiment (not
reported here) for which Section 3 of the straight pipe

2¢f. [21] for a map based on steady flow suitable for
horizontal ducts at atmospheric pressure. No flow map based
on pulsating flow exists to the author’s knowledge.
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Fig. 7. Mean surface temperature as a function of dimension-
less axial coordinate at eight different mass flow rates.

Sensor Voltage (Arbitrary Units)

tit

Fig. 8. Traces from the condensate film sensor at three loca-
tions for an input rate of 23.5 kW.

was replaced with a clear section, did not indicate a
liquid annulus on the interior perimeter of the pipe.
Rather, the moisture was present in the form of large
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drops on the surface of the pipe which would grow,
separate from the wall, and become entrained in the
interior bulk flow. A cloud or mist of small suspended
droplets was observed in the centre of the pipe.

The mean value of the voltage signal is observed to
vary from a local minimum near the start of the trace to
a local maximum near 1.36 pulsation periods and re-
turns to a minimum near 2.73 pulsation periods. Such
large scale periodicity may be indicative of the buildup
and subsequent breakdown of condensate droplets (or
films) near the sensor. Further study, including im-
proved visualization, is required for confirmation.

4. Heat transfer characterization

The heat transfer per unit surface area can be de-
termined along the pipe at any axial location by focusing
on the interior of the pipe

g = hi(Ty(2) = T(2)) + hraai(Te(2) — Ti(2)), (1)

where the composite heat transfer coefficient 4; combines
both convective and latent terms, or alternatively, by
focusing on the exterior of the pipe

¢! = he(Ty(2) = T) + heaae(Ti(2) — Too). (2)

Assuming axial conduction in the thin pipe walls is
negligible, we may equate (1) and (2), giving
@ =q.=q"

For the external flow, we compute the heat transfer
coefficient using the correlation from Zhukauskas [22],
with C; = 0.26 and C, = 0.6 for 10° < Rep < 2 x 10%:

0.25
C) Re2 P07 (&) ] . (3)

ke
he =4
D Pr.

The velocity of the external cooling air (which appears in
Rep), was determined by a series of pitot probe tra-
verses. The operating speed of the four blowers in the
wind tunnel were adjusted until a nominally uniform
velocity of 6.6 m s™! at the centerline of the tailpipe was
attained. Axial and traverse nonuniformities in the ex-
ternal air velocity were less than £0.3 m s~'.

The heat transfer coefficient due to external radiation
is given by

hradﬁe = O_SS(TSZ + TOZO)(TS - Too) (4)
The heat transfer coefficient due to internal radiation is
evaluated as

a(agT; - O‘gT:)

T, — T,

radi — (5 )
The emissivity and absorptivity of the gas are deter-
mined using the four-term mixed gray gas model de-
veloped by Truelove [23] and utilized by Temple [13]. In
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Fig. 9. Variation of measured Nusselt with streamwise coor-
dinate.

this model, the emissivity is determined from the partial
pressures of water vapor and carbon dioxide using

4
gg =Y (bi + by Ty)[1 — exp(—0.0164b3, (pi,0 + po,))]-

n=1
(6)
Similarly, the absorptivity is determined from

4
O‘g = Z(bln + bZnTS)[l - exp(_0-0164b3n(p]—120 +PC02))]7

7 %

with the 12 coefficients as given in the referenced
literature [23].

Coupled with Egs. (1)—(7), the measured internal gas
and surface temperatures (actually using smooth poly-
nomial fits to mask out experimental uncertainty and
noise) are sufficient to compute the unknown composite
heat transfer coefficient 4;, and in turn MNu;. The results
for such a computation are plotted in Fig. 9 as functions
of 7. The same data is plotted against mean Reynolds
number * in Fig. 10 and overlaid with the correlations of
Dittus—Boelter for steady single-phase flow,

Nup = 0.023Re%8 PA3, (8)

Arpaci [12] for the case of single-phase, pulsating flow,
which when applied to the conditions of the current tests
yield

nD

U 0.75
Nup === = 0.028ReY” ( 14+0.21 U“ ) : )

3 One could define a mean and fluctuating (instantaneous)
Reynolds number based on the mean and instantaneous bulk
velocity, respectively. The Reynolds number used subsequently
is based upon pipe diameter and a mean bulk velocity.
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Chato [16]. Results are shown as a function of mean Reynolds
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and the correlation by Chato [16] for filmwise conden-
sation

, 71/4
—p )]
h— 0.555| PP Pk | (10)
ﬂl(Tsat,g - Ts)D
where the effective latent heat takes the form
, .3
Jtg :Jfg"‘gcpJ(T%at,g_TS) (11)

Use of the mean Reynolds number allows the four heat
transfer regimes (steady/one-phase, steady/two-phase,
pulsating/single-phase, and pulsating/two-phase) to be
compared for an equal mass flow rate. An extensive set
of correlations for steady two-phase flow is available
including those from Bae et al. [17], Traviss et al. [18],
and Jaster and Kosky [19]. However, they were not used
here as they require data such as local quality, pressure
gradients, etc. which were not directly measured in the
current study.

One notes from Eq. (9) that the velocity amplitude,
U,, and mean velocity, Uy, are required to predict Nup
for single-phase, pulsating flow using the Arpaci corre-
lation. Although neither parameter was known inde-
pendently in this study, they appear only as the ratio
U,/Uy. This ratio was determined from the pulse
combustor model of Temple [13] for the current oper-
ating conditions. This ratio was approximately four and
varied only 10% over the entire range of input rates.

Averaged heat transfer enhancement results are
summarized in Tables 3 and 4 and Fig. 11 which compare
the ratios of the experimentally determined composite
internal Nusselt number, Nu;, with the aforementioned
correlations for steady, single-phase; pulsating, single-
phase; and steady two-phase flows, respectively. The
temperatures measured at each axial location have been

Table 3
Experimentally determined Nusselt number along the pipe av-
eraged over all eight input rates

y=z/L Nuy;

0.1 34.79*
0.2 13.79
0.3 13.20
0.4 16.58
0.5 21.20
0.6 21.52
0.7 33.74
0.75 42.55
0.8 57.55
0.833 72.96
0.866 95.03
0.9 124.91
0.933 149.55
0.966 138.62
0.99 113.91

#Value is suspect due to nonuniformity of external flow at
measurement location.

averaged over at least 1000 pulsation periods, over 10 or
more ensembles, and over all eight input rates to generate
the numbers in Table 4, and subsequently represent
mean, rather than instantaneous results. The erroneously
high ratio at y = 0.1 is most likely due to flow non-uni-
formities in the external velocity at the edge of the wind
tunnel. Therefore, the results for y = 0.1 have not been
included in the subsequent analyses and discussion.
Qualitatively and quantitatively similar results were ob-
tained at all input rates.

An additional correlation for single-phase pulsating
flow is available from Al-Haddad and Al-Binally [5].
This correlation is based on the parameter Rew’, where
o' is a dimensionless frequency given by wr?/v. Their
results indicated that heat transfer was significantly en-
hanced when Rew’ > 2.1 x 10°, and for the range
2.1 x 10° < Rew' < 1 x 10° can be correlated by

5.6[Rew’ x 1075 — 2]

_ 0.3
N =B\ B30 75 FlRear x 107 = 2)

(12)

The majority of the conditions considered here in the
present study exceed the valid range of this correlation.
At the lowest input rate however, Rew’ = 7.9 x 10° and
Eq. (12) predicts Nu = 38.3 in the single-phase region.
Referring to Table 4, (which presents data at a much
higher input rate) we find that Eq. (12) over-predicts the
heat transfer for y < 0.5 by a factor of 2.

In the single-phase region, y < 0.5, the second col-
umn of Table 4 indicates that the pulsating flow en-
hances heat transfer from 1.5 to 1.8 times over that for
steady flow at an equivalent mass flow rate. Column
three indicates that the Arpaci correlation for pulsating,
single-phase flow over-predicts the heat transfer in this
single-phase region of the tailpipe (ratios < 1).
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Experimentally determined averaged Nusselt number enhancement (values have been averaged over all eight input rates)

y=z/L Nu; /Nupp steady single-phase Nu; /Nuar pulsating single-phase Nu; /Nucy steady two-phase
0.12 4.4 2.1

0.2 1.8 0.8

0.3 1.5 0.7

0.4 1.8 1.0

0.5 2.1 1.2 0.4
0.6 2.0 1.3 0.4
0.7 3.0 2.0 0.7
0.75 3.7 2.6 0.8
0.8 5.0 3.7 1.1
0.833 6.2 4.7 1.4
0.866 9.0 6.2 1.9
0.9 10.3 8.3 2.5
0.933 12.4 10.2 3.0
0.966 11.1 9.6 2.7
0.99 9.0 8.0 23

#Enhancement ratios at this measurement location are suspect due to nonuniformities in external flow.

Average Enhancement Ratio
M oW A O N ® ©
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Fig. 11. Average heat transfer enhancement for two-phase
pulsating flow over steady, pulsating, and condensing flows.

In the two-phase region of the tailpipe, 0.5 <y < 1, a

number of conclusions can be drawn. First, in the
transitional region (near y = 0.5) the Arpaci correlation
under-predicts the heat transfer enhancement while the
Chato correlation for steady condensing flow over-pre-
dicts the heat transfer enhancement. This is easily
explained by recognizing that the Chato correlation was
developed for film condensation. In this transitional
region of the pipe, condensation has only begun to occur
so it is unlikely that the interior of the pipe is fully
wetted (as suggested by flow visualization results).
Third, towards the exit of the pipe (near y = 0.9), both
the Arpaci and Chato correlations under-predict the
heat transfer which is enhanced over 10 times compared
to steady, single-phase heat transfer. Referring to the
last column of the table we see that past y = 0.8, the
Chato correlation for film condensation under-predicts

the heat transfer. As discussed in conjunction with Fig.
7, the internal two-phase flow regime changes near this
location. It is theorized that the condensate film begins
to break up due to a combination of thickness and end
effects. This breakup, entrainment, and the associated
increased radial mass transport leads to the large heat
transfer enhancement near the exit of the tailpipe.

5. Conclusions

Experimental measurements of internal heat transfer
coefficients for fully reversing single-phase and two-
phase circular pipe flow in the tail pipe of a pulse com-
bustion furnace are presented. Comparisons made with
existing heat transfer correlations for steady, pulsating,
and filmwise condensing flows showed little agreement
with the experimental data, as expected. Flow pulsation
was shown to enhance heat transfer over steady-state
predictions for all experimental conditions considered.
Enhancement ratios greater than 12 times steady-flow
predictions were observed in regions of pulsating, con-
densing flow. Heat transfer correlations are either non-
existent or unable to predict the experimental results
obtained in this study. Further work, which spans a
greater range of pulsation amplitude, pulsation fre-
quency, and Reynolds number is needed to develop a
heat transfer correlation with improved predictive power
in pulsating, single- and two-phase flows.
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